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1. Introduction

Abstract

Engine performance depends on two main factors of engine speed and ignition time.
Ignition timing can affect engine life, fuel economy and engine power. In this paper,
to study engine performance of Peugeot 206 TU3A with comparison ratio of 10.5:1
and displacement of 1361CC in MATLAB software, a two-zone burned/unburned
model with the fuel burning rate described by aWiebe function was used for
modeling in-cylinder combustion. For studying this issue, thermodynamic models
such as Woshni, Isentropic, etc. were used. Then, the experiments were carried out to
validate the calculated data. The objective of the present work was to examine effect
of ignition timing on the performance of an SI engine. For achieving this goal, at the
speed of 3400 rpm, ignition timing was changed in the range of 41 degrees before the
top dead centre to 10 degrees after TDC. By changing the ignition timing, the results
of some characteristics such as power, torque, indicatory pressure, exhaust emission
and efficiency were obtained and compared. The results demonstrated that optimal
power and torque and the maximum efficiency were achieved at 31 degrees before
the top dead centre and engine performance was improved by changing timing angle.
It was also indicated that the maximum thermal efficiency could be accomplished
while peak pressure occurred between 5 and 15 degrees of ATDC. The amounts of
0,, CO, and CO were almost constant but HC increased with increase of ignition
timing.

four stroke engine, development of the spark
ignition engine has achieved a high level of
success. In the early years, increasing engine

Performance of spark ignition engines is a
function of many factors, one of the most
important of which is ignition timing.
Furthermore, it is one of the most important
parameters for optimizing efficiency and
emissions, permitting combustion engines to
conform to future emission targets and
standards [1]. Since the advent of Otto's first
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power and engine working reliability were the
principal aims for engine designers. In recent
years, however, ignition timing has brought
increased attention to development of advanced
SI engines for maximizing performance [2].
Chan and Zhu worked on modeling in-cylinder
thermodynamics under high values of ignition
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retard, in particular effect of spark retard on
cylinder pressure distribution. In cylinder gas
temperature and trapped mass under varying
spark timing conditions were also calculated .
Soylu and Gerpen developed a two zone
thermodynamic model to investigate effects of
ignition  timing, fuel composition and
equivalence ratio on burning rate and cylinder
pressure for a natural gas engine. Burning rate
analysis was carried out to determine flame
initiation period and flame propagation period
at different engine operating conditions [3].
Others used multi-dimensional reactive flow
codes for elaborating modeling of engine flow
and combustion processes, which were very
sophisticated [4-5]. Accurate prediction of
performance parameters and exhaust emissions
depends on flow dynamics in the intake
manifold, heat transfer and ignition timing. It is
feasible to model all these processes with multi-
dimensional flow codes coupled with detailed
chemical kinetic mechanisms using
experimental data. The KIVA-CHEMKIN
combination is an example for the detailed
modeling of flow and combustion processes in
internal combustion engines. However, multi-
dimensional modeling of all these processes
from the intake manifold to the exhaust
manifold needs extensive computation time and
very powerful computers. If these multi-
dimensional reactive flow codes require large
amounts of time, engine designers may not use
them. Further, these codes are not still perfect
and need some tuning with experimental data,
which requires expertise and even more
computer time. For this reason, the need for
accurate predictions of exhaust emissions
pollutants forced the researchers to attempt
developing two zone combustion models [6—7].
Eventually, some multi-zone combustion
models have appeared, carrying the expected
drawbacks of the first attempts, where the
detailed analysis of fuel-air distribution permits
calculation of the exhaust gas composition with
reasonable accuracy [8]. However, this happens
under the rising computing time cost when
compared to lower zones gasoline combustion
models.

Therefore, it is a reasonable choice sounds to be
a two zone combustion model, which includes
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the effects of changes in engine design and
operation on the details of the combustion
process through a phenomenological model
where the geometric details are fairly well
approximated by detailed modeling of the
different mechanisms involved. This is going to
have the advantages of relative simplicity and
very reasonable computer time cost.

Abdallah and Soliman worked on effect of
injection timing on performance of a dual fuel
engine and the results showed that low
efficiency and poor emission at light loads can
be improved significantly by advancing
injection timing of the pilot fuel [9]. Also,
experimental research on performance of
hydrogen fueled engine was carried out under
the condition of different ignition timing and
injection timing [10]. Thus, performances and
emissions in the spark ignition engine attain
optimization in every operating state of the
engine.

The objective of the present work was to
examine effect of ignition timing on
performance of an SI engine. To achieve this
goal, testing was conducted at 3400 rpm and
wide open throttle, ignition timing was changed
in the range of 10° ATDC to 41° BTDC and
performance characteristics such as power,
torque, thermal efficiency, pressure and heat
release were obtained and compared.

2. Test engine

Facilities for monitoring and controlling engine
variables such as engine speed, engine load,
water and lube oil temperatures, fuel and air
flows etc, were installed on a fully automated
test bed, four cylinder, water cooled, naturally
aspirated SI engine with experimental standard
which was located at laboratory of Iran Khodro
Company. Specifications of the test engine are
given in Table 1.

The engine was mounted on a fully automated
test bed and coupled with a Schenck W130
eddy current dynamometer with load absorbing
and motoring capabilities. There was one
electric sensor for speed and one for load, with
these signals fed for indicators on the control
panel and to the controller. Via the knobs on the
control panel, the operator could set the
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dynamometer to control speed or load. There
was also the capability of setting ignition timing
from a switch on the control panel. Also, for
manually changing timing angle with interval
of 10 degrees, the valves were opened and reset.

Table 1. Engine specifications.

Engine type TU3A
Number of strokes 4
Number of cylinders 4
Cylinder diameter (mm) 75
Stroke (mm) 77
Compression ratio 10.5:1
Maximum power (kW) 50
Maximum Torque (NM) 160
Maximum speed (rpm) 6500
Displacement (cc) 1360
Fuel 97-octane

The coolant and lube oil circulation were
achieved by electrically driven pumps at the
temperature controlled by water fed heat
exchangers. Heaters were used to maintain the
oil and coolant temperatures during the warm
up and light load conditions. Figure 1 shows the
tested engine.

3. Model description

A zero-dimensional thermodynamic cycle
model  with  two-zone  burned/unburned
combustion model, mainly based on Ferguson's
work , was developed to predict the cylinder
pressure, work done, heat release, enthalpy of
exhaust gas, etc. The zero-dimensional model
was based on the first law of thermodynamics
in which an empirical relationship between fuel
burning rate and crank angle position was
established. Figure 2 shows the burned and
unburned zones, which were presumed to be
separated by an infinitesimally thin flame front.
The burned zone consisted of the equilibrium
products of combustion and both zones were
assumed to be at the same pressure at any CA
degree. The region in the combustion chamber
was treated as a control volume. The governing
equations  included mass and energy
conservation equations and equations of state.
These equations, with crank angle as the
independent variable, formed building block of
this thermodynamic model.
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Fig. 1. The tested engine.

.

Burned zone

Unburned zone

Fig. 2. Burned and unburned zones of combustion
chamber.

4. Numerical analysis

In order to determine transient heat flux, Q, in
combustion chamber during combustion
process, heat transfer was considered a function
of crank angle, 0, as follows:

dQ =_Q1=_Qb_Qu (1)
do 0] 0]

The combustion chamber exhaust gasses of
internal combustion engines were divided into
two zones of burned and unburned gasses.
where Qp and Q, are heat transfer ratio for
burned and unburned gasses, respectively, and
Qq is sum of Q,and Q,. Burned and unburned
gasses are functions of temperature defined as
shown below (2):

0, :hAb(Tb _Tw) (2)
0,=h4,(T,-T,) 3)
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where h is a coefficient of convection heat
transfer in standard, T, is contact temperature,
A, and A, are burned gasses to the wall
cylinder's contact surface and unburned gasses
to the wall cylinder's contact surface,
respectively, as follows (1):

nb® AV 5
A = + 2Ly @)
p = ( 5 , )
1
mh* 4V 2
A4 = +—) )
. = 5 , )

The wall cylinder's temperature reached 450
degrees of Kelvin. This temperature was the
maximum working temperature of the lubricant
oil (5).

Equations (4) and (5) were practical functions.
x 1s a burned gasses partial mass in cylinder
and V is combustion chamber's volume.
Equation (4) and (5) were empirical functions
that had the correct limits in the case of a
cylinder where x — 0 and when x —1. Burned
gasses always occupy a large part of the
cylinder's volume.

h. is correction coefficient of h (during the
engine operation) introduced by Woschni as
follows (5):

hc =3.26 B70.2 PO.S WO.S T70.55 (6)

where B is cylinder bore, T is temperature, P is
pressure and w is mean velocity for the gas in
the cylinder. The mean velocity of gas was in
proportion to the mean piston velocity during
the intake, compression and exhaust strokes.
The average cylinder gas velocity, w, for a 4-
stroke engine without swirl determined by
Woschni was (4):

w=CS, + CZ[ZdIY/;

ror

1(P-F,) Q)

C; =2.28, C; =0, 0 during the compression
stroke

C; =2.28, C,=0.00324 during the combustion
and expansion stroke

P, V. and T,are initial states for cylinder. V4 is
piston displacement and S, is mean velocity of
piston. To determine mean gas velocity, the
pressure and temperature values in all cycles
were needed. Each of the above parameters was
a function of thermodynamic properties based
upon the first law of thermodynamics (2).
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AU=0-W (8)

Herein, variation of each system internal energy
was equal to the difference between heat
transfer and work generated by the system.
Differential equation forms of (8) became:

do do do do )

where m, is mass flow ratio, h; is inlet enthalpy,
u is internal energy and o is engine's rotational
speed. In the above equation, cylinder volume
is assumed as control volume.

4.1. Specific internal energy

Thermodynamical properties of engine cycles,
internal energy-enthalpy and specific heat are
functions of pressure and temperature.
Furthermore, burned gasses are made of ten
elements, obtainable from the balanced
chemical equation for a combustion reaction.
The equation of a specific internal energy of a
system is:

v=—=xv, +(-n),

m (10)
u, is a burned gasses' internal energy at
temperature T, and u, is an unburned gasses'
internal energy at temperature T,. Burned
gasses' energy is a function of pressure and
temperature.

u, =u,(T,,P) 1D
and differential form of the above equation is:
du, =6ub dTb+6ubdi (12)
do 0T, d6 oP do

Logarithmic form of specific internal energy is:

du, _ c _Pv, dlnv, |dT,
do ®o T, aInT, ) do

_y alnvb_i_alnvb dpP
*\ oinT,  oInP )do

And, equation of unburned gasses is:

(13)
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u

du Pv, olnv, |dT
[Cpb_ b uj u

do T, oInT, )do (14)
dlnv, dlnv, |dP
-V + _
“\ éInT, OInP )deo

4.2. Specific volume

Specific volume of a system is defined as
demonstrated below (6):

v:i:va+(1—x)vu
m

(15)

The burned gasses' specific volume is a
function of pressure and temperature.

Vy :Vb(Tb,P) (16)
And, differential form of the equation:
dv, _dv,dT, 0v,dP, (17)

do 0T, d0  op, do
Logarithmic form of specific volume is:

dv, v, dlnv, dT,

d0 T, oinT, do

+v_balnvbd_P
P oInT, d6  (18)

And the equation for unburned gasses:
dv, v,olnv, dT, Ve onv, dP
P oInP dO (19

do T, ainT, do

4.3. Enthalpy

During the engine operation, some gasses leak
out of the cylinder through the rings. This mass
loss causes enthalpy and engine efficiency
reduction. Gas leakage through the rings occurs
in two stages of unburned gasses before
combustion process and burned gasses after
combustion process.

In order to compensate for the mass loss, a
correction coefficient was used.

To calculate the enthalpy based on changes in
partial mass, the following equation was
applied:

h =(1- xz)hu + xzhb (20)
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Another form of enthalpy for burned and
unburned gasses were as follows:

hu = hu(]—;t’P) 2 hb = hb(];)’P)

21
4.4. Mass loss through the rings

Variation of mass due to the crank angle is
given in Eq. (9). According to the mass
conservation equation and mass loss caused by
gas leakage through the rings, the mass ratio
due to crank angle could be:

dm - Cm (22)

40 o

Where o is rotational speed of engine and the
constant c is related to the engine ring's design.
For example, if total mass loss equals 2.5%,
then c will equal 0.8.

4.5. Partial mass, mass and the volume of a
system

The burned partial mass was investigated under
three situations of compression, combustion
and expansion (1).

Before combustion/compression:

x=0 (23)
During the combustion:

p-oof-22%]
x=—<1-cos|m
2 0, (24)

After combustion/expansion:
x=1 (25)

In Eq. (24), 6, is spark timing and 60}, is burning
time. The mass quantity due to the crank angle
equation could be given as follows:

m=m, exp[-C(0-0,) o] (26)

where m; 1S mass in the commencement of
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compression stroke, i.e. 180 degrees before
TDC and 6, is equal to 180 degrees before
TDC.The cylinder volume is(5):

1—+1—cosH

v, -1 2 {12 }/
- (—j —sin 0
a
@7)

WhereVdis cylinder volume at TDC, r is
compression ratio and a is piston's

displacement to connecting rod's length.
4.6. Solution method

In Eq. (9), only the term work must be solved.
The work done by the piston is calculated by
multiple pressures to volume change. The
change in pressure and the burned and
unburned gasses' temperature due to the crack
angle are a function of the change in crank
angle, pressure and burned and unburned
gasses' temperature (4).

dP
E:fl(eapaTbﬂTu) (28)
dT
deb = f,(0,P,T,.T,) (29)
dT
d@u :f3(05P5Tb5Tu) (30)

So, the equations made systems of equations in
six variables. This system was solved using
Matlab Software. The solution was based on
Ronge-Kutta method (4).

dP A+ B+C 31)
do D+ E
2
T RO

dT, 2 b
do ome .

v, Olnv, (A+B+C (32)

Cp, 0InT,\ D+E

h,—h,| dx (x—xz)g

xc, o ®
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dT,
deo
2
_h h 4V (1_ /)(TM—TM) (33)
2 b
Ome .
LYy 8lnvu(A+B+Cj
C, olnT, D+ E
aw__ p AV (34)
do do
40, _ h(mb® 4V
dg ol 2 b (35)
|:‘x%(Tb_Tu)+(1_'x%)(Tu_Tw):|
dH, Cm 2 2
9 o [(1 x )hu+x hb] (36)
4= (‘”’ +’i] (37)
do 0]
(ﬂbz 4Vj
+7
popy 2 b
(vb olnv, x%Tb—T
c, oinT, T,
L Y alnv“(l—x%jT”_T”’
C, oInT, T,
Cofv,—v )div oinv, h,—h, | dx (x-x*)C
" "7de " ainT, C, T, |d0 o
(39)
Doy bz olnv, v, dlnv,
- o L oInT, P 0OInP
(40)
2
—(l—x) 6Inv +V_u6|nvu
6InT P 0dInP
(41)

(32) and (33) were principal equations of this
study. To calculate heat transfer coefficient
based on Woschni method, pressure and
temperature changes of burned gasses were
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needed. Engine's geometrical parameters such
as cylinder bore, piston displacement and
compression ratio were used for engine's cycle
simulation. Air-fuel ratio, ignition timing and
initial pressure data were obtained from
experimental conclusions and used for engine
modeling.

5. Discussing modeling results

Figure 3 shows a four-stroke cycle of TU3
engine with natural breathing in WOT
condition and 31 degrees of timing. This cycle
is similar in most passenger cars and other SI
four-stroke engines.

The most important point in this engine is
thermodynamic stability of wvarious models.
Consequently, the following diagram is fully
compatible with Otto's diagram.

P -V Diageram
4500

Isentropic
Annand |
Woschni
rao -

4000

3500

3000
2500 \‘

2000 \\
1500 \\

1000

Pressure (Kpa)

500

\%

0 1 2 3 4
Volume (m®) x10*

Fig. 3. Pressure—volume indicatory diagram
in TU3engine.
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Fig. 4. Created temperature in combustion
chamber versus crank angle.
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Figure 4 shows the temperature generated
within a combustion chamber versus crank
angle using the discussed four models. As can
be seen, the maximum temperature fell by about
5 degrees after TDC. Previous studies have
shown that, if the maximum temperature fell by
3 to 10 degrees after TDC, the maximum
possible efficiency can be achieved for any
engine. Therefore, the above conditions showed
that performance of this engine was fully
positive and the maximum temperature was
obtained by the isentropic model.

Figure 5 shows cylinder pressure variations in
the combustion chamber as a function of crank
angle. The increase of pressure after ignition
and during flame spread was slow, which led to
less increase of pressure force on engine piston
and finally an engine with smooth operation
and less noise.

The maximum pressure was obtained right after
the top dead center; so engine efficiency was
suitable and its combustion was complete.
Consequently, pressure and temperature
obtained in this engine created an ideal
condition for decreasing exhaust emissions. In
this diagram, the maximum pressure was
related to isentropic diagram, i.e. close to
Woschni model; as a result, each one of the
used models iwass suitable for simulation of
this engine.

Figure 6 shows fraction of heat added versus
crank angle. Mechanical friction between
dynamic parts was a main loss of generative
power by the engine.

P - Theta Diageram
4500

T
Isentropic
Annand [+
Woschni

4000
3500

3000 i \
2500

2000 / \
1500 / \
1000 / \

500

rao I

Pressure (Kpa)

o —
Q
-200 -150 -100 -50 0 50 100 150 200

Cranck Angle (Degree)

Fig. 5. Cylinder pressure variations in the
combustion chamber as a function of crank angle.
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Fraction Of Heat Added - Theta Diageram

0.8

0.6
0.4 /
0.2

-30 -20 -10 0 10 20 30
Cranck Angle (Degree)

The Fraction Of Heat Added

Fig. 6. Variations increase heat due to friction versus
crank angles.

A large percentage of mechanical friction was
created by piston displacement within the
cylinders. Other losses were related to friction
as a result of fluid movement in the inlet and
exhaust parts of gases, pass flow of valves and
gas movement within the combustion chamber.
Therefore, the engine needed a lubrication
system for minimizing friction and engine
abrasion. Two factors of piston movement
towards the center and created heat increased
result of friction, which affected loss of engine
efficiency.

For solving this problem, the oil system can be
used in different parts of the engine, right
engine oil and improvement of cooling system.
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Fig. 7. Indicator diagram for a Peugeot 206 engine.

Figure 7 shows thermal conductivity, viscosity,
density, Reynolds number, cylinder volume and
contact surface of cylinder gases as a function
of crank angle.
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The above diagram shows that minimum and
maximum values were obtained in top dead
centers. Ultimately, the amounts of net work
and effective efficiency in this engine were 602
Kj and 59.28 percent, respectively.

Table 2 shows operation of the TU3A engine in
a condition that timing angle changed and also
the things happened for the engine in the
combustion chamber. In the above table,
ignition time could vary from 41 to 11 degrees
before the top dead center. Furthermore, it can
be seen that 31 degree condition was suitable
and ideal for this engine.

6. Discussing experimental results

r 2500

5 -
——02

045 4
P~ == HC -~
E 4 4 F 2000 é
SRR -
: g
CER - 1500 €
g g
825 - =
= o)
g 21 - 1000 g
2 S
CREI O
T g L 500 &
by N’( Q
o 05 4

0 T T T T T T 0

-50 -40 -30 -20 -10 0 10 20

Ignition Timing(BTDC)

Fig. 8. Relationship between O, and HC
concentration versus ignition timing at 3400 RPM
and intake manifold pressure of 100 kPa.

Figure 8 shows O, and HC concentrations as a
function of timing angle. Advanced timing
angle caused higher cylinder peak pressure.
This higher pressure pushed more fuel- air
mixture into the crevices (most significantly,
the space between piston crown and cylinder
walls) in which the flame was quenched and the
mixture was left unburned. Additionally,
temperature late in the cycle, when the mixture
came out of these crevices, was lower at more
advanced ignition timing. The latter
temperature meant that hydrocarbons and
oxygen did not react, which increased
concentration of oxygen in the exhaust and
unburned hydrocarbons.

In the Fig. 9, concentrations of carbon
monoxide, oxygen and carbon dioxide changed
very slightly with ignition timing in the studied
range.



Thming angle(BTDC)

Fig. 9. Relationship between O,, CO and HC
concentrations versus ignition timing. (Intake
manifold pressure of 100 kPa and equivalence ratio
of unity).

Here, the equivalence ratio was held constant at
the ratio of unity; so, there was enough oxygen
to react most of the carbon with CO,. CO
concentration increased and CO, concentration
decreased when there was not enough oxygen.
Some of the carbon monoxide appeared in the
exhaust due to frozen equilibrium concentration
of CO, O, and CO,.

Figure 10 shows NO concentration in the
exhaust gas versus ignition timing. NO
formation depended on temperature. With
advancing the ignition timing, the in-cylinder
peak pressure increased. The ideal gas law
indicated that increase in peak pressure must
correspond to the increase in peak temperature
and that higher temperature caused the NO
concentration to be higher.

The results showed that power tended to
increase with spark advance between 17 and
35°CA BTDC. Power was expected to increase
with spark advance to a point and then drop off.

JCARME Influence of varying timing . . . Vol. 2, No. 2, March 2013
Table 2. Variation of engine performance for changing condition of ignition time.
Ignition time(before of TDC) [degree] 41 31 21 11
P1(Inlet pressure)[ Kpa] 130 130 130 130
P2(spark pressure)[ Kpa] 998.294 1.47e+003 2.18e+003 3.017e+003
P3(maximum pressure)[ Kpa] 4.29¢+003 3.982e+003  3.68e+003 3.52e+003
P4[Kpa] 168.8722 168.469 170.192 173.699
T1(inlet temperature)[ Kelvin] 333 333 333 333
T2(ignition temperature)[ Kelvin] 596.199 666.558 745.658 817.768
Maximum temperature[Kelvin] 1.060e+003  998.835 928.265 863.394
T4[Kelvin] 432.572 431.540 435.954 444.937
Net work[kJ] 0.598 0.602 0.584 0.546
Efficiency[percent] 58.854 59.280 57.4569 53.744
The best performance was achieved when the
- 5 e greatest portion of combustion took place near
T R the top dead centre. If the spark was not
§ a5 —— rzg advanced enough, the piston would already
£ 3 . g move down when much of the combustion took
3 e place. In this case, the ability of expanding this
E s ° 3 portion of the gas through the full range would
o A O .
S 1 |, be lost which would decrease performance. If
O‘z : ’ : : - . . ignition was too advanced, too much gas would
s a0 29 20 -0 6 10 20 be burnt while the piston was still increasing.

As a result, the work that must be done to
compress this gas would decrease the produced
net work. These competing effects caused it to
be the maximum in power as a function of
spark advance.

5000
4500
4000
3500
3000
2500
2000
1500
1000
500
0

NO concentration (PPM)

50 40 -30  -20  -10 0 10 20
Ignition timing(BTDC)

Fig. 10. Relationship between NO concentrations
versus ignition timing (Engine speed at 3400 RPM
and intake manifold pressure of 100 kPa).

Also, it showed that torque increased with
increasing ignition advance, which was due to
increasing pressure throughout the compression
stroke and, consequently, more net work was
produced. It is necessary to mention that, by a
further increase in spark advance, torque would
not increase largely due to in-cylinder peak
pressure during compression period and
decrease of pressure in expansion stroke. For

41



JCARME

this reason, determining the optimum ignition
timing is one of the most important
characteristics for an SI engine.

50 120

=—§—Power
115

] =fli=Torque
45 /.\_. 110
105

40 A
100
35 1 9

90

Power{kW)
Torque(Nm)

30
85

25
75

20 70
-50 -40 -30 -20 -10 0 10 20

Ignition timing(BTDC)

Fig. 11. Relationship between power and torque
versus ignition timing.

Efficiency(%)
£

-50 -40 -30 -20 -10 0 10 20
Ignition Timing(BTDC)

Fig. 12. Relationship between efficiency versus
ignition timing.

Figure 12 presents the predicted results of
thermal efficiency in comparison with
experimental data. Thermal efficiency is work-
out divided by energy-in. It can be seen that the
net work increased with rising ignition advance
to a point and then reduced slightly. This was
due to increasing friction at high values of
ignition advance and therefore reducing net
work. According to Fig. 6, the highest amount
to the net work occurred at 310CA BTDC.

7. Conclusions
In this research, during the combustion process,

some gasses leak out the cylinder through the
rings. This reduction in mass causes a reduction
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in enthalpy and engine efficiency. In order to
compensate this mass loss, a correction
coefficient is needed. Another way is to seal
piston and cylinder more precisely. varying
timing angle on the performance of a SI engine
shows that by increasing ignition advance,
although pressure and temperature increase is
happened but because friction losses increase
and other losses within an engine, we see heat
efficiency and net work decrease.also in this
paper we can see that at 11 degrees before
TDC, no knock will be sensed during the
engine operation and optimal power and torque
is achieved at 31 degrees bTDC. Meanwhile,
volumetric efficiency have increased with rising
ignition timing but O, ,CO, ,CO has been
almost constant, but HC with advance of
ignition timing increased and the lowest
amount NOy is obtained at 11 bTDC.
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